
 

Abstract 
 

A relatively standard brake system used on a metro vehicle showed abnormal noise 

and vibrations in service. Beyond passengerôs annoyance, this led to unacceptable 

failures in service, rising cracks in the brake calliper levers and a premature wear of 

brake pads. 

 

Although no similar problems appeared during test benches performed by the 

manufacturer before and after the problem was discovered, a reinforced version of 

the levers solved the structural problem leaving nevertheless unchanged high noise 

and vibration effects during braking. Several pads were tested without success. 

 

The paper shows how the problem was solved by means of a dynamic analysis of 

all the components involved (wheelset, brake unit, bogie frame) and a following 

minor redesign of a component. The impact on the existing fleet in terms of retrofit 

costs and times in described as well, showing that the proposed solutions are very 

effective and affordable. 

 

Keywords: braking, groan noise, modal analysis, structural modification, stiffening, 

softening. 

 

1  Introduction  

 

Friction braking introduces specific features in any vehicle. Degraded dynamics, 

thermal effects, higher noise and vibrations and wear are amongst the factors that are 

a side effect of the desired energy dissipation through the sliding contact between a 

dedicated component (the brake pad) and a rotating counterpart (the wheel or a disc 

brake). 
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The intrinsically nonlinear behaviour of the brake pad / disc is well described in 

the available literature for both the road and rail vehicles. Specifically, the falling 

friction characteristics of the friction force vs. sliding speed curve above the 

adhesion limit (maximum force without macro slip) leads to typical stick-slip 

phenomena (sometimes also called sprag-slip phenomena). A simple example of 

such motions can be easily observed when writing with a long (i.e. low stiffness) 

chalk on a blackboard. In this case the screech produced is due to the sprag-slip 

phenomenon. 

 

 Braking noise can be grouped in two main classes [1]:  

¶ squeal noise, with high frequency content (typically > 1kHz); 

¶ groan noise, with frequency content at lower frequencies (typically < 1kHz). 

 

The two mechanism are very different in terms of generation and consequences. 

Squeal noise involves an out-of-plane movement of the disc, which vibrates at its 

eigenfrequencies generating an extremely high pitch and high level noise. Typically, 

squeal noise is extremely annoying but has limited consequences on structural 

components as the amplitude of vibrations is tiny and not such to generate 

noticeable stress increase in the braking components. 

 

Groan noise is instead a motion in which the disc shows an in-plane movement as 

the brake pad is the responsible for the motion. In many cases, the disc can be 

considered as perfectly rigid and all the compliance can be attributed to brake pads, 

pad holders and brake calliper levers. 

 

In a retrofit trailer bogie of a metro vehicle a low-frequency noise was observed 

just after the beginning of operation. The characteristics of the noise let suppose that 

the noise was of the groan type, as the peak in the frequency spectrum was readily 

found at slightly less than 250 Hz. Associated high vibration levels led after a short 

time to failures (cracks) in the calliper components, raising doubts about safety of 

the operation. Brake pads material often crumbled, showing inadmissible life 

shortening. 

 

A test campaign was made, where high vibration levels were confirmed, while 

measurements performed with ER strain gauges showed very high strain (and stress) 

levels in some parts of the brake units, parts that later were modified (reinforced). 

Although it seems that the structural problem were mitigated by acting on the effect 

(i.e. abnormal stresses in the steel elements of the brake calliper), the cause was 

unaffected. As a result, noise and vibration levels remain unchanged. As the long-

term effects of such vibrations can be unpredictable, the public transportation 

authority asked the manufacturer of the vehicle and the supplier of the braking 

system to conduct further analysis to discover the root cause of the problem. This 

paper deals with the activities performed to individuate the origin of such high 

abnormal vibrations and describes how the problem was solved. 

 

 



 

2 Available data 
 

As an attempt to identify why brake elements were failing, vibration measurements 

were performed and made available to the authors at the beginning of the present 

activity. Four components potentially involved in the generation of the phenomenon 

(Figure 1, Figure 1: Top: general view of the vehicle components.): 

¶ the bogie frame, which is made of welded steel sheets and profiles, with the 

interfaces necessary to connect all the attached equipment, brake unit 

included; 

¶ the so-called brake support, i.e. a steel casted components bolted to the bogie 

frame with an ñadjusterò function, i.e. making the bogie frame connectable to 

different brake units; 

¶ the brake unit, suspended with links bolted to the brake support; 

¶ the wheelset, including axle, wheels and brake discs. 

 

 
 

  
Figure 1: Top: general view of the vehicle components. Bottom: view of the braking 

unit (left) and of the axlebox (right) with indication of accelerometers used during 

testing. 



 

 

Figure 2 shows the location where the accelerometers were installed on the brake 

unit. In this paper the results from the analysis of the ER strain gauges and rosettes 

glued on the brake unit will not be analyzed, as in the authorsô opinion high stress 

are a consequence of the unacceptable vibration levels and are destined to disappear 

once the vibrational problem in solved. 

 

 

 
Figure 2: Accelerometers mounted on the brake unit. 

 

 Tests were made in different operating conditions, regardless of which the same 

behaviour was observed, i.e. very loud noise and high vibrations even reaching the 

carbody. Time histories recorded during service braking provided the evidence that 

abnormal vibrations in the braking elements are completely uncoupled from axlebox 

vibrations, as shown in Figure 3. As the primary suspension filters out effectively 

wheel vibrations, abnormal brake unit vibrations cannot be ascribed to track 

irregularities. 

 

  

Figure 3: Accelerations recorded during test runs. Left: good quality track. Right: 

bad quality track. From top to bottom: longitudinal RMS vibrations on wheel and 

calliper, vertical RMS vibrations on wheel and calliper, brake cylinder pressure, 

speed. 

 



 

 

An analysis conducted using the EN 61373 standard [2] was also made available. 

Figure 4 shows that the vibration levels recorded are well in line with the limits 

shown in the standard except for the abnormal peak found at around 230 Hz. The 

limit of the frequency range for these components, fixed at 250 Hz, makes any 

further analysis impossible as the details of the peak are limited and there is no way 

to observe the following harmonics. This is a well-known limit of these curves. The 

standard considers only the resonances of the fixtures during testing of railway 

components, and in this case it is not easy to define the fixture: all the components 

may exhibit (and in fact they do exhibit) an elastic behaviour and are possibly 

subjected to resonances.  

 

 

 
Figure 4: Vibration limits for rolling stock equipment according to [2] (top). 

Acceleration PSD in the XYZ directions for accelerometer a10z (bottom) 

 

 Further analyses were performed by the authors looking at spectra rather than at 

power spectral densities. Acceleration data was integrated twice to estimate 

displacements, introducing a low-pass filtering effect. If in the original data the 

contribution of the harmonics following the fundamental frequency looks important, 



 

after the integration process it can be said that the only dominant frequency is the 

fundamental one, around 220÷230 Hz (Figure 5).  

 

  

Figure 5: Acceleration (left) and displacement (right) analysis of recorded time 

history (top). Bottom: FRF of the signal (4096 points after the cursor). Data 

normalized to integer 16 bits range (±32768). 

 

Obtained displacements were processed to show the movements of the different 

points recorded. A small Matlab code allowed to visualize the operational movement 

of the calliper and the two points on the brake support, showing how the two sides 

of the brake calliper move in counterphase (Figure 6). 

 

  

Figure 6: Two frames of the animation of the points recorded on the calliper, seen 

from the brake cylinder side. The vertical segments are the links connecting the pad 

holders to the brake support. 

 



 

 A deeper analysis allowed to identify more complex dynamics that can hardly be 

described without observing the actual movements. Nevertheless, an attempt was 

made in Figure 7 to depict the dynamic deformation of the object in terms of 

displacements and of rotation.  

 

  

Figure 7: Sketch of the operational movements at 220÷230 Hz of the brake unit 

during braking. 

 

 

3 Behaviour of the brake unit on a test bench 
 

Before the authors were involved in this research, the braking equipment supplier 

was asked to check the arising of abnormal vibrations on their test bench (also called 

dynamometric bench or dyno). Figure 8 shows the brake unit installed on that test 

bench during these checks. It was observed that ñThe test performed does not 

reproduce any vibration on the system. The system created on the dyno is not 

reproducing the real bogie systemò. 

 

This is not surprising, as there are several important differences: 

 

¶ there is no wheelset; 

¶ the disc is installed on a shaft which does not reproduce dynamically its real 

boundary conditions; 

¶ the brake unit is connected to the bench with a very different brake support 

(welded instead of casted) and the bogie frame is missing, substituted by the 

bench structure. 

 

The most important conclusions that can be drawn by these tests is that the 

observed phenomena are not due to sprag-slip phenomena alone but are possibly due 

to the global dynamic behaviour of all the four involved components. 

 



 

  

Figure 8: Sketch of the operational movements at 220÷230 Hz of the brake unit 

during braking. 

 

4 Numerical and experimental modal analysis of the 

wheelset 
 

During a preliminary meeting, the authors suggested to perform a modal analysis, 

similar to the one shown in [3]. The results of a simplified test were later supplied in 

which the bogie is resting on wooden block places under the axleboxes and 

excitation to the wheelset is given with an impact hammer in vertical and 

longitudinal direction in the centre of the axle (Figure 9). 

 

  
 

Figure 9: Left: FEM model of the wheelset with accelerometer locations (hammer 

hits were given in directions Ax1 and Az1). Right: bogie in the workshop resting on 

wooden blocks. 

 

 Point FRFs (i.e. with input and output in the same location) H11x and H11z are 

shown in Figure 10. The choice of the input points was not particularly happy as 

their direction passes through the centre of mass of the wheelset, that can be 



 

considered symmetric w.r.t. the axle centre. As it will be shown, the consequence is 

that, being that point a node for odd-order flexural modes of the wheelset, these 

eigenmodes were not excited. Moreover, passing through the centre, no torsional 

excitations were given.  

 

 
Figure 10: Vertical H11z (left) and longitudinal H11x (right) point FRFs. The first two 

peaks are at around 80 Hz and 230 Hz in both FRFs. 

 

 In the preliminary calculations supplied, the discs were modelled as uniform solid 

bodies. This is not correct as the disc is made of 5 cast iron sectors bolted to a steel 

hub press-fitted on the axle. Both density and elastic properties of cast iron are 

different from steel ones, therefore a more accurate and complete FE model of the 

wheelset was developed. The modal model was determined in free conditions and 

the results are shown in the Annex I. 

 

The modal basis was used with a FE calculation to estimate with two strategies 

the harmonic response up to 1 kHz (see the comparison with the measured point 

FRF in Figure 11). The difference between the two estimations (respectively red and 

blue in the figure) are due to damping (x=0.001 in the red case, x=0.01 in the blue 

case) and on the frequency resolution, that was variable (optimized) for the red case 

while was fixed to Df=1 Hz for the blue case. The latter case is important to 

highlight antiresonances (that are ñskippedò by the optimized method. No attempt 

was performed to tune the amplitude by changing the damping, as for the scope of 

the present research the knowledge of resonance frequencies was considered 

sufficient. 

 

Obviously, no input is given in real life to the centre point of the axle. Thatôs why 

a second FRF was estimated by placing a force F=1i+1j+1k at the contact point 

while the response was evaluated on the surface of the adjacent disc on a point in the 

mid radius laying on the horizontal plane. The choice of the input value was 

arbitrary and in no way the real response to wheel-rail contact forces was searched. 

The scope of this simulation was instead to check if all the modes can be excited by 

a general force such as that imparted and if there are ranges in the frequency 

spectrum where the response of the disc was limited regardless of the actual contact 

forces. 

 



 

It can be said that the numerical model well reproduces the real behaviour of the 

wheelset, at least for nominal conditions (i.e. new wheels and new brake discs). The 

forced response analysis allowed to identify modes that are potentially involved in 

the problem. 

 

 
Figure 11: Comparison of measured (thin red line) and estimated (thick red and blue 

line) H11x point FRFs. 

 

5 Hypothesis on the genesis of the measured oscillations 
 

The brake unit is designed to give the same force to either side of the brake disc 

during all its life. If a pad wears more than the other for whatever reason, the calliper 

levers and arms adjust to a slightly skewed position without compromising the 

functionality of the unit. 

 

This scenario obviously applies when changes are slow and there is time to 

compensate for any difference in the brake disc surfaces location. When dealing 

with frequencies of even only a few Hertz, the equilibrium has to take into account 

the masses of the involved components and the elasticity of the parts. 
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Figure 12: Estimated response of one point on the disk surface on the horizontal 

plane (mid radius) when excited by a triaxial force. Main resonances and 

antiresonances are shown. Orange labels show corresponding modes. 

 

A hypothesis was therefore made considering the surface of the rotating disc on 

which pads act, individuating three motions of the disc and the resulting interaction 

with the pads, the pad holders and the links connecting the brake unit to the brake 

support: 

¶ when the disc moves in the longitudinal direction (Figure 13, left), there is no 

change in the braking force; 

¶ when the disc moves in the vertical direction (Figure 13, centre), the change of 

the braking force on both sides of the calliper is identical (in phase). Its value 

is very limited as the sliding velocity is much lower than the peripheral speed 

of the disc, leading to no change in practice of the tangential force. This can 

be easily proven by analyzing the data measured in the campaign described 

on chapter 2, where the vibrating points have a vertical speed in the order of 

up 0.2 m/s, while the pad / disc surface relative sliding speed at 30 km/h is of 

around 4.3 m/s considering a wheel radius or 410 mm and an average disc 

radius of 210 mm. The vibrations measured in service have therefore an 

amplitude which is not sufficient to excite any stick-slip phenomenon; 

¶ when the disc moves in the lateral direction (Figure 13, right), the pads and the 

pad holders are shaken by the movement leading to non-negligible variations 

of the normal force. As a results, similar changes on the tangential forces are 
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generated, with opposite phase. For the sake of simplicity, these forces will 

be called sharing forces from now on. 

 

 

 
Figure 13: Possible motions of the disc w.r.t. the brake pads (white arrows). Vertical 

arrows indicate the change in the instantaneous braking force. 

 

The vibrations observed in practice are compatible with the latter movement. It 

was therefore preliminary concluded that the generation of counterphase vibrations 

on the brake support is given by sharing forces which, in turn, are generated by out-

of-plane (axial or lateral) motion of the brake disc. Modal shapes with high lateral 

movements of the brake disk surface are therefore the best candidates to give rise to 

sharing forces, depending on actual forces and the correct damping. 

 

The root cause is therefore the coincidence of the 3rd natural bending frequency 

of the wheelset (modes 12 & 13 above) and the ñtwistingò mode of the braking 

systems that are ñshort-circuitedò by the pads during braking. 

 

From both the modal analysis and the harmonic responses shown above, it can be 

concluded that the modes that could appear on the vibrations of the brake support 

are: 

¶ modes 8 and 9, at around 81 Hz (large effect); 

¶ modes 10 and 11, at around 141 Hz (small effect); 

¶ modes 12 and 13, at around 225 Hz (large effect); 

¶ mode 14, at around 246 Hz (small effect); 

¶ mode 16, at around 319 Hz (large effect); 

¶ modes 17 and 18, at around 357 Hz, (large effect). 

Modes 7 and 15, respectively at 71 Hz and 313 Hz, should have no effect at all.  

 



 

6 Response of the bogie frame to sharing forces 
 

6.1 Brake support fixed 
 

As a counterphase vibration was observed on the bogie frame, of which the brake 

support is a structurally connected part, it was interesting to investigate the response 

of the combined bogie frame + brake support + brake unit to the set of alternate 

forces at the frequencies described in the previous chapter. 

 

 A preliminary analysis was therefore performed by fixing the rear part of the 

brake support to the bogie frame (i.e. considering the bogie frame as perfectly rigid) 

and giving the maximum external loads arising from braking (Figure 14).  

 
Figure 14: Brake support front view (left). Rear view with fixture to the bogie frame 

and indication of braking forces applied to the ñeyesò of the brake support (right). 

 

 

The calculations indicated a maximum equivalent stress according to the von 

Mises criterion of around 140 MPs when the pressure in the brake cylinder is 3.8 bar 

(design pressure). As the braking system is implemented to reach a maximum of 

2.94 bar, the maximum equivalent stress is therefore decreased to around 110 MPa.  

 

 The dynamic response of the brake support is not easy to find out. During the 

alternate movement of either side of the brake unit, a not known portion of the mass 

of the brake unit will participate to the motion. This can be explained by considering 

that the static forces described above push or pull the links make the pads, the pad 

holders and part of the calliper structurally connected to the brake support. 

 

 Considering that the brake unit with new pads has a mass of nearly 80 kg, the 

following first attempt hypothesis was made: 

¶ half of the mass of the brake unit, i.e. 40 kg, may be considered as concentrate 

at the rear support of the brake unit, near the brake cylinder; 

¶ the remaining half mass is shared between the two links, resulting in 20 kg per 

ñeyeò of the brake support. 



 

It was decided to concentrate on the effect of the front masses, and to such goal 

two ñplugsò were inserted in the ñeyesò. The density of such material is extremely 

high and intended only to reach the mass of 20 kg (Figure 15 left). 

 

A modal analysis was performed with the same constraints described above (rear 

surface fixed), and a set of natural frequencies and mode shapes were calculated. 

Quite surprisingly, the first mode of the brake support was compatible both in terms 

of frequency (232 Hz) and in terms of mode shapes (ñeyesò in counterphase) with 

the abnormal vibrations observed in service (Figure 15, right). 

 

  
 

Figure 15: Brake support with 20 kg-plugs inserted in the ñeyesò (left). First 

eigenmode at 232 Hz (right).  

 

 A deep analysis of the mode shapes and frequencies followed, reaching the 

conclusion that the torsional stiffness given by the ribs connecting the upper part of 

the support (including the ñeyesò) and the rear part of the support was the best 

candidate to investigate to mitigate the problem. It should be noted that the 

application of a mass is omnidirectonal, while the forces coming from the pads are 

(nearly, 5°) vertical and the motion should happen only in that direction. Many 

modes involving large longitudinal or lateral motions are therefore meaningless. The 

analysis, nevertheless, keeps its importance to quickly highlight if and when there is 

the possible coincidence between the forcing function and the natural response of 

the system, reaching therefore resonance conditions whose amplitude is limited only 

by damping that is unknown but likely very small. 

 

6.2 Brake support + bogie frame 
 

The quick analysis shown in the previous chapter was missing the fundamental 

information from the bogie frame behaviour. As shown in Figure 1 there are three 3 

components that were not analysed: 

¶ the rear mass of the brake unit (approx. 40 kg); 

¶ the braking bar with the welded bracket; 

¶ the remaining part of the bogie frame. 



 

 

 It was first recognized that the application of the aforementioned application of 

the ñplugsò did not led to totally correct applications. A large number of non-

physical modes involving lateral and longitudinal movements of the plugs were 

observed. Figure 16 shows the model that was later developed within the ANSYS 

Workbench environment in which the masses were connected remotely by means of 

cylindrical hinges. While the hinges can move along their axis without friction, the 

masses can move along a 5°-inclined path that corresponds to the angle of the brake 

pads and pad holders. This arrangement allowed achieving a better tuning of the 

model. 

 

 
Figure 16: Model of the brake support, the braking bar and the welded bracket. Both 

the front masses simulating the pads/pad holders system and the rear mass 

simulating the remaining part of the brake units can move freely only in the 5° 

ñnearly verticalò direction. 

 

 About bogie modelling, it was decided after several attempts to limit the analysis 

to the braking bar, the welded bracket and the brake support. The number of natural 

frequencies obtained by performing a full analysis of the bogie frame is large, but 

most likely the involved modes are difficult to excite. It should be remembered, in 

fact, that the connections of the bogie frame to the adjacent parts (primary and 

secondary suspensions) are missing and this may impair the result of such 

modelling. Moreover, the force exciting the brake calliper is produced at the pad-

disc interface, and it is reasonable to suppose that bogie frame vibrations are limited 

(and therefore negligible). 

 

 The masses involved were tuned in order to obtain modes that are in line with the 

values obtained during the tests. This led to 18 kg each for the two front masses and 

to 40 kg for the rear mass, the most important frequencies being only weakly 

influenced by the latter. 

 

The first modes of the final model are shown in Annex II, while the point frequency 

response functions when exciting the disc are shown in Figure 17. Pitch modes are 

deemed to be of minor importance for the reasons described in chapter 5 and will not 

be considered here anymore. The interest will therefore be concentrated on the twist 

modes 3 & 4 that are only marginally different (respectively at 226 and 228 Hz).  



 

 

  

 
Figure 17: Point frequency response functions (inertances) of the wheelset compared 

to natural frequencies of the braking system. Triaxial excitation and responses on the 

brake disc. Response in the axial direction (above) may generate ñtwistò forces 

(modes 3 & 4 of the braking system), while response in the radial/longitudinal 

direction (below) may generate ñpitchò forces (modes 1, 2 & 5 of the braking 

system). The frequencies shown in Annex II are indicated separately for twist and 

pitch modes. 

 

7 Proposed modifications to the brake support 
 

7.1 Introduction  
 

Changing the shape of a body without changing its function with the scope of 

modifying its response to certain loads is known as ñstructural modificationò. The 

modification has to consider all the involved mechanical (mass, strength, flexibility, 

dynamic behaviour, etc.) as well as all the technological (machinability, 

manufacturability, etc.) properties. 

 

 For clear reasons the abnormal vibrations cannot be removed by changing the 

bogie frame, the wheelset or the brake calliper. These components are in fact 

approved for service and any modification would have been extremely expensive 

requiring a further homologation of the vehicle. 

 

In the present study therefore the only possibility was to investigate the effect of 

different modifications to the existing supports either by stiffening or by softening 

the ribs or, in extreme cases, to design a totally new brake support that keeps the 




















